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performanceAbstract The present study aimed to perform the parametric analysis on thermo-hydraulic perfor-
mance of a compact heat exchanger using computational ﬂuid dynamics (CFD). The analysis has
been carried out at different frontal air velocities by varying the geometrical parameters such as
ﬁn pitch, transverse tube pitch, longitudinal tube pitch, louver pitch and louver angle. The air side
performance of the heat exchanger has been evaluated by calculating Colburn factor (j) and
Fanning friction factor (f). The comparison of CFD results with the experimental data exhibited
a good agreement and the inﬂuence of various geometrical parameters for the selected range of
values on the pressure drop, heat transfer coefﬁcient and goodness factor was analyzed. The results
obtained from the analysis will be very useful to optimize the louvered ﬁn and ﬂat tube compact
heat exchanger for better thermo-hydraulic performance analysis without the need of time
consuming and expensive experimentation.
 2015 Faculty of Engineering, Alexandria University. Production and hosting by Elsevier B.V. This is an
open access article under the CC BY-NC-ND license (http://creativecommons.org/licenses/by-nc-nd/4.0/).1. Introduction
Due to inadequate thermal characteristics of the heat transfer
ﬂuid, the required heat transfer in a heat exchanger is achieved
by increasing the temperature difference between the ﬂuids
(DT), increasing the area (A) and the convective heat transfer
coefﬁcient (h). A greater temperature difference can lead toan increase in the heat ﬂow, but it is often limited by process
or materials constraints. Also, the higher temperature differ-
ence requirement in the thermal devices for cooling/heating
reduces the overall efﬁciency of the system. The heat transfer
surface on the gas side of the heat exchanger needs to have a
much larger surface area owing to its lower heat transfer coef-
ﬁcient than that for liquids. Increasing the surface area
through ﬁns is a common method to improve the heat transfer
rate and this addition of ﬁns results with increase in the surface
area by 5 to 12 times [1–3] than that of the primary surface
area. Among the various ﬁns, the louvered ﬁn geometry
provides better enhancement compared to that of other ﬁn
geometries [4–8] by reducing thermal resistance on the gas
Nomenclature
A area (m2)
cp isobaric speciﬁc heat capacity (J kg
1 K1)
Dh hydraulic diameter (m)
E energy (J)
f fanning friction factor
j Colburn factor
g body force
G Mass ﬂux or mass velocity (kg m2 s1)
h heat transfer coefﬁcient (W m2 K1)
he speciﬁc enthalpy (J kg
1)
k thermal conductivity (W m1 K1)
p pressure (N m2)
T temperature (C)
u velocity of the ﬂuid along  direction (m s1)
v velocity of the ﬂuid along y direction (m s1)
w velocity of the ﬂuid along z direction (m s1)
Pr Prandtl number (–)
Re Reynolds number (–)
St Stanton number (–)
VC validation case (–)
Dp pressure drop on air side (N m2)
DT temperature drop (K)
Greek symbols
h louver angle
q density (kg m3)
l dynamic viscosity (N s m2)










906 P. Karthik et al.(air) side considerably in the compact heat exchangers. It is
necessary to select the optimal shape and size of the louvered
ﬁns in effective design of the compact heat exchanger for better
thermo-hydraulic performance. Intensive research works are
being carried out by the researchers on various geometrical
parameters such as the ﬁn pitch, louver pitch, louver angle,
ﬂow length and inclination angle of the heat exchanger that
inﬂuence the performance of the louvered ﬁn heat exchanger.
Leu et al. [9] analyzed the performance of tube heat exchan-
ger numerically and the results showed a decrease in pressure
with respect to increase in louver angle. The effect of Reynolds
number, ﬁn pitch, louver thickness, and louver angle on ﬂow
efﬁciency in multi-louvered ﬁns was reported by Zhang and
Tafti [10]. Their results clearly revealed that the ﬂow efﬁciency
strongly depended on geometrical parameters, particularly at
low Reynolds numbers. Vaisi et al. [11] experimentally investi-
gated the heat transfer and pressure drop characteristics of air
ﬂow over louvered ﬁns in compact heat exchangers with two
different types of ﬁn conﬁgurations (symmetrical and asym-
metrical). They reported that the symmetrical arrangement
of louvered ﬁns provided an increase in the heat transfer per-
formance of 9.3% and a decrease in the pressure drop of
18.2%, when compared to the asymmetrical arrangement of
louvered ﬁn due to the absence of the louvered region between
two tubes. Yang et al. [12] studied the thermo-hydraulic per-
formance of the heat sinks having plate, slit, and louver ﬁn pat-
terns. The enhanced ﬁn patterns like louver or slit ﬁn operated
at a higher frontal velocity and at larger ﬁn spacing were more
beneﬁcial than those of plain ﬁn geometry. In addition to the
ﬁn parameters, the inclination angle of heat exchanger plays
a vital role on the performance of the louvered ﬁn and tube
heat exchanger. Nuntaphan et al. [13] reported a considerable
increase of heat transfer performance at an inclination of 30–
45, due to louver ducted phenomena on the air side. They pro-
posed a correlation, considering the inﬂuence of inclination
angle and this correlation predicted 71.4% of experimental
data within ±10%. It is desirable to optimize the variousparameters of louvered ﬁn heat exchangers and explore the
most inﬂuencing parameters on the thermal performance of
the heat exchangers. The heat transfer and ﬂow friction char-
acteristics of a heat exchanger with corrugated louvered ﬁns
were analyzed by Qi et al. [14] using Taguchi method. Their
results indicated that the ﬂow depth, ratio of ﬁn pitch to ﬁn
thickness and number of the louvers were the main factors that
inﬂuence the thermal hydraulic performance of the heat
exchanger. Similar methodology was also adopted by Hsieh
and Jang [15] and interpreted the ﬁn collar outside diameter,
transverse tube pitch and ﬁn pitch as the most inﬂuencing
parameters. Recently, Sun and Zhang [16] evaluated overall
thermo-hydraulic performance of elliptical ﬁnned tube heat
exchanger using CFD approach and reported the inﬂuence
of axis ratio on the overall performance of the heat exchanger
under various ﬂow conditions. The increase in axis ratio
reduced the overall performance at lower air velocity and
enhanced the performance at higher air velocity.
It is clear from the above literature that the geometrical
parameters of the ﬁns play a vital role in enhancing the heat
transfer coefﬁcient on the air side and these parameters are
to be optimized for enhanced thermo-hydraulic performance
of the louvered ﬁn and tube heat exchanger. This necessitates
several experiments to be conducted at various conditions that
are not only time consuming, but also expensive. Considering
the above pressing issues and recent developments in the CFD
software, the present work aims to analyze the effects of the
various parameters such as ﬁn pitch, tube pitch, louver pitch
and louver angle on the heat transfer and pressure drop char-
acteristics of the compact heat exchanger with the louvered ﬁns
under different ﬂow conditions.
2. Governing equations and boundary conditions
The problem under consideration is governed by three dimen-
sional form of continuity, the Reynolds-Average Navier–
Stokes equation (RANS), and the energy equation, along with
Studies of a louvered ﬁn and ﬂat tube compact heat exchanger 907the equations for modeling the turbulent quantities. The
assumptions made in the CFD simulation are (a) the ﬂow is
stable in the computational domain, and (b) that the ﬂuid in
the domain is steady and incompressible.
The mass, momentum and Energy conservation equations
used in the analysis are given in Eqs. (1–3) respectively as
follows:
r  ðq m*Þ ¼ 0 ð1Þ
r  ðq m* m*Þ ¼ rpþrðsÞ þ q g*þ F* ð2Þ
r  ðm*ðqEþ pÞÞ ¼ r  ðkrTþ ðs  v*ÞÞ ð3Þ
where,





The temperature distribution inside the solid regions of the
model, such as the tube walls and ﬁn, is obtained by solving the
energy Eq. (4) as given below
r  ðksrTsÞ ¼ 0 ð5Þ
The turbulent quantities are modeled using the k–x model
to capture the large ﬂuid strains more effectively. The ﬂow and
thermal conditions of air and water at the entry of the heat
exchanger are speciﬁed as boundary conditions for the compu-
tations. All the internal ﬂows and thermal conditions are calcu-
lated in a conjugate manner by considering the surface area of
the ﬁns, louvers and tubes. The various boundary conditions
used for the present analysis, where both hot water and cold
air make cross ﬂow in the domain are given below;
– Inlet and outlet conditionsAir inlet, v= vin, u= 0 and w= 0, T= Tin,a.
Air outlet, p= patm, T= Tout (applicable only to the
grid cells where back ﬂow occurs).
Water inlet, w= win, u= 0 and v= 0, T= Tin,w.
Water outlet, T= Tout (applicable only to the grid cells
where back ﬂow occurs).
– Boundary surfaces
 Upper and lower side = periodicity.
 Left side and right side = periodicity.
– Tube, ﬁn and louver walls
 u= 0, v= 0 and w= 0.
 No separate temperature boundary condition is
needed, as the solver calculates the thermal information
in a coupled way.
3. CFD model and analysis
The physical model of the test radiator along with the direction
of ﬂuid ﬂow is illustrated in Fig. 1(a) and its sectional top view
is shown in Fig. 1(b) to show the arrangement of ﬁns and tube
in the test core. The computational domain is conﬁned to one
ﬁn pitch in the span-wise direction and one tube pitch in the
lateral direction as highlighted in Fig. 1(c) and the length,
breadth and height of the computational domain are 51 mm,
9.6 mm (tube pitch) and 3 mm (ﬁn pitch) respectively. Thiscomputational domain is extended by 20 mm on both
upstream and downstream sides to minimize the error due to
ﬂow oscillations and reversing effects. Gambit 2.4.3 software
was used to model the computational domain and the corre-
sponding isometric view is presented in Fig. 1(d). The compu-
tational domain was meshed using tetrahedral elements and
the size of the mesh elements at the surface was controlled to
obtain ﬁne mesh close to the ﬁn and louvers.
The commercial code Fluent 6.3 was used to obtain the
numerical solutions of the continuity, momentum and energy
equations in three dimensional, incompressible ﬂows on the
double periodic domain. The Fluent uses a control-volume-
based technique to convert the governing equations to alge-
braic equations that can be solved numerically and the second
order up-wind scheme was used to obtain higher order accu-
racy. The homogeneous method of conjugate heat transfer is
employed by ﬂuent that facilitates the direct coupling of the
ﬂuid zone and solid zone using the same discretization and
numerical approach. Hence, it is possible to have an
interpolation-free crossing of the heat ﬂuxes between the
neighboring cell faces. Among several options for turbulence
models, the standard k–x model was chosen after several tri-
als. The local and averaged heat transfer coefﬁcient values
on the wall surfaces were predicted based on the thermal and
ﬂow turbulence calculations by the solver. The grid indepen-
dence test was carried out using three different mesh densities
of 0.6, 1.63 and 2.26 million cells as illustrated in Fig. 2.
Among the three mesh densities tested, the variation between
the 1.63 and 2.26 million cells was less and hence, it was pro-
posed to proceed further analysis using 1.63 million cells.
The value of the dimensionless distance (y+) was always main-
tained at less than 1 for all the cases in the present analysis.
The scaled residuals for solution convergence were set to
105 for all governing equations and turbulence quantities
and 107 in the case of energy.4. Experimentation
An experimental investigation was also carried out to validate
the results of the CFD analysis. Fig. 3 illustrates the schematic
arrangement of the experimental setup that consists of a test
radiator, hot water tank, centrifugal pump, blower, wind tun-
nel, ﬂow control valve and the necessary measuring instru-
ments. The test radiator is a cross ﬂow type compact heat
exchanger, in which water ﬂows inside the tubes, and air ﬂows
over the tubes through louvered ﬁns and the geometrical
parameters of the test radiator (base line domain) are given
in Table 1. The hot water at the required temperature was sup-
plied from the hot water tank (diameter = 1 m and
length = 1.3 m) that was ﬁtted with twelve electrical heaters
of each 6 kW capacity. The power input to the heaters was
independently controlled by the variable transformers based
on the temperature of the hot water at the outlet of the tank.
The hot water was circulated to the test radiator through the
ﬂow control valve by using a centrifugal pump and the ﬂow
meter (MAG5100W) was used to measure the volume ﬂow rate
of water with an accuracy of ±0.4%. The air was allowed to
ﬂow continuously through louvered ﬁns of the test radiator
with the help of centrifugal blower and the frontal air velocity
was measured at twelve various locations using digital vane
anemometer (±0.14). The temperature of air and water was




(a) Radiator view directions 
Inlet from wind tunnel 





































1. Extended air domain 
upstream of radiator 
2. Water tube row 1 
3. Water tube row 2 
4. Extended air domain 
downstream of radiator 
Figure 1 Details of Computational domain.
Figure 2 Results of grid independence test.
908 P. Karthik et al.
Figure 3 Schematic of the experimental setup. 1. Water level indicator, 2. Water heater, 3. Filter, 4. Pump, 5. Electrical motor, 6. Flow
control valve, 7. Test radiator, 8, 9. Wind Tunnel sections, 10. Circular passage, 11. Outlet duct, 12. Blower, 13. Connecting shaft, 14.
Pulley, 15. Belt, 16. Electrical motor, 17. Rectangular duc. G – Gate valves; FL – Floor level; EH – Electrical heaters; P1, P2 – Pressure
gauge.
Table 1 Geometrical parameters.
Geometrical parameters of the test radiator (base line case)
Fin pitch 1.5 mm
Transverse tube pitch 9.6 mm
Longitudinal tube pitch 28 mm
Louver pitch 1.2 mm
Louver angle 26
Fin Thickness 0.1 mm
Number of longitudinal tube rows 2
Range of geometrical parameters used for parametric analysis
Fin pitch 1–2.5 mm
Transverse tube pitch 9.2–10 mm
Longitudinal tube pitch 28–32 mm
Louver pitch 0.8–1.6 mm
Louver angle 22–30
Studies of a louvered ﬁn and ﬂat tube compact heat exchanger 909measured at the inlet and outlet of the test radiator using RTD
of class A (accuracy of ±0.15 C).The air side temperature
was measured at four different locations on both upstream
and downstream sides and the average of these values were
used to evaluate the thermal performance of the test radiator.
The pressure drop of air and water across the heat exchanger
was measured, using a pressure transducer calibrated with
the accuracy of ±0.09%. After ensuring no leakage in
both water and air sides of the test radiator, the experimental
trials were carried out for four different volume ﬂow rates of
water, 0.075 m3 min1, 0.090 m3 min1, 0.110 m3 min1 and
0.135 m3 min1 at a constant water inlet temperature of 90 
C. For each mass ﬂow rate of water, the experiments were con-
ducted for ﬁve different air velocities of 3.5 m s1, 4.5 m s1,
5.5 m s1, 6.5 m s1 and 7.5 m s1. The variation of tempera-
ture and pressure on both air and water sides of the test radi-
ator was continuously monitored and recorded using data
acquisition system (DAS) for every 60 s over a period of
30 min, after the system attained the steady state condition.
Three trials were performed for each experimental condition,
in order to ensure the repeatability and accuracy of the
experiment.
5. Data analysis
In this section, the heat transfer and ﬂow characteristics of the
test radiator are presented in terms of the Colburn j factor and
Fanning friction f factor with respect to Reynolds number.The equations employed in evaluation of the Fanning friction
f factor and Colburn j factor are given below. The hydraulic




where, Dh, L, Amin and As represent the hydraulic diameter,
ﬂow length or heat transfer matrix depth in the air ﬂow direc-
tion, minimum free ﬂow area and the total area for heat trans-
fer on the air side respectively.
The value of Reynolds number based on louver pitch is cal-
culated from,
ReLp ¼ GLpl ð7Þ
where, Lp is louver pitch. The dimensionless Reynolds Number





where, ‘Af’ and ‘G’ represent the frontal area of the heat
exchanger and the mass ﬂux or mass velocity respectively. Fan-








where, DP, qa and m denote air-side pressure drop, density of
air and inlet air velocity respectively. The dimensionless
Colburn j factor is evaluated using the following equation
j ¼ St Pr2=3 ¼ Dh
4L
 




where, St, Pr, Ti, To and Tw represent the Stanton number,
Prandtl number, the inlet, outlet air temperatures and the tube
wall temperature respectively.
The average surface heat transfer coefﬁcient is found from
Stanton number by using the following equation
h ¼ St cp  G ð11Þ
where, St, cp and G represent the Stanton number, speciﬁc heat
capacity and mass ﬂux or mass velocity respectively.
910 P. Karthik et al.6. Results and discussion
The CFD results of the base line domain are initially presented
with the absolute values of the temperature drop considering
its importance of magnitude of this parameter for the
examined range of air velocity. These drops in temperature
are validated with the experimental values for the same range
of air velocity and Fig. 4 shows the comparison of the air side
temperature difference obtained from the CFD analysis, with
the experimental data. The percent deviations of the tempera-
ture values between the experimental and CFD results are
within the acceptable range of 11.05%,14.28% and 15.89%
for the validation cases (VCs) 1, 2, and 3 respectively as given
in Table 2. The deviation could be due to the uncertainties in
the experimental measurements and also to the numerical
errors attributed to the turbulence model employed. However,
these deviations are within the acceptable limits. After the
validation of the CFD results, the parametric analysis is
performed for various geometrical parameters. The thermo-
hydraulic performance of the test radiator for the variation
in the geometrical parameters such as the ﬁn pitch, transverse
tube pitch, longitudinal tube pitch, louver pitch and louver
angle with respect to various ﬂow conditions is presented in
this section. The geometrical parameters of the louvered ﬁn
and ﬂat tube are shown in Fig. 5 and the range of geometrical
parameters considered for the parametric analysis is given in
Table 1. The uncertainty of the measured data and various
parameters obtained from the data analysis was estimated
based on the error propagation method by Moffat [17] and
the results are presented in Table 3.38.2 °C 
29.9 °C 30.2 °C 
33.9 °C 












VC 1 VC 2 VC 3
Figure 4 Comparison between the experimental and CFD data.















VC1 2.5 310 0.075 363
VC2 5.5 310 0.110 363
VC3 7.5 310 0.135 3636.1. Effects of fin pitch
Fig. 6(a) shows the pressure drop across the heat exchanger
with respect to the frontal air velocity for four different ﬁn
pitches ranging from 1 to 2.5 mm with a step size of 0.5 mm.
It is seen from the ﬁgure that the pressure drop increases with
respect to decrease in the ﬁn pitch at all ﬂow conditions. The
pressure drop increases by 3.2 times, while the ﬁn pitch
reduced from 2.5 to 1 mm. The decrease in ﬁn pitch leads to
the corresponding increase in surface area for a given volume
which in turn provides higher resistance on the airside. How-
ever, this pressure drop is not appreciable, when the ﬁn pitch
is decreased from 2.5 to 1.5 mm at all ﬂow conditions as shown
in Fig. 6(a). The variation of the average heat transfer coefﬁ-
cient with respect to the frontal air velocity is illustrated in
Fig. 6(b). It is seen from the ﬁgure that there is a proportionate
increase in convective heat transfer coefﬁcient with increase in
ﬂuid ﬂow velocity for a given ﬁn pitch. The increase in convec-
tive heat transfer coefﬁcient of 19.76% is observed by varying
the ﬁn pitch from 1 mm to 2.5 mm, at a ﬂuid velocity of 3.5 m/s.
For a given size of the compact heat exchanger, the surface
area density will increase in proportion to the decrease in size
of the ﬁn pitch that provides more surface area for enhancing
the heat transfer rate. In contrast to the above, the value of
convective heat transfer coefﬁcient tends to decrease as the
ﬁn pitch decreases due to the mixing of the thermal boundary
layer between the surfaces. It has also been found that the con-
vective heat transfer coefﬁcient is enhanced considerably, while
the ﬁn pitch increases from 1 mm to 1.5 mm. It is a well-known
fact that the heat exchanger designers normally evaluate the
overall thermo-hydraulic performance by using surface good-
ness factor (j/f) for several practical applications. Fig. 6(c) pre-
sents the variation of ‘‘j/f” with respect to Reynolds number.
This factor is found to exhibit 45.2% increase at ReLP = 231,
when the ﬁn pitch is changed from 1 mm to 2.5 mm. The pos-
sible reason is that the higher ﬁn pitch results with higher heat
transfer coefﬁcient with relatively lower pressure drop as com-
pared to that of lower ﬁn pitch. It is noticed in the ﬁgure that
the value of goodness factor increases with respect to increase
in Reynolds number and only a marginal difference exists
between the ﬁn pitches of 1.5 mm, 2 mm and 2.5 mm at rela-
tively higher Reynolds number. It is inferred from the above
discussion that the compact heat exchanger with a ﬁn pitch
of 1.5 mm is more advantageous for better thermo-hydraulic
performance.
6.2. Effects of transverse tube pitch
Fig. 7(a) shows the pressure drop across the heat exchanger
with respect to the frontal air velocity for three different trans-
verse tube pitches. The louver conﬁguration remains the same,
in the three cases and the variation in the transverse tube pitch
corresponds to the variation in the unlouvered surface between
the louver region and the tube surface. The lowest pressure is
found in the case of 9.6 mm transverse tube pitch as shown in
Fig. 7(a). It is observed from the ﬁgure that there is an increase
in pressure drop of 25.4%, when the transverse tube pitch is
increased from 9.6 mm to 10 mm. The increase in the pressure
drop at a higher transverse tube pitch is due to the increase in
the surface area of the unlouvered region. Further the same
trend of increase in pressure drop of 22.3% is also noticed
FP - Fin Pitch, TP - Transverse Tube Pitch, LP - Louver Pitch, TL - Longitudinal Tube Pitch and 










Figure 5 Fin and Tube Conﬁguration.




Air side pressure drop ±0.09%




Heat transfer coeﬃcient ±3.6%
Fanning friction factor (f) ±2%
Colburn Factor (j) ±3.2%
Studies of a louvered ﬁn and ﬂat tube compact heat exchanger 911by reducing the transverse tube pitch from 9.6 mm to 9.2 mm.
The reduction in transverse tube pitch reduces the ﬂow area in
the unlouvered region and this makes the maximum air ﬂow
through the louver region. This ﬂow creates comparatively
higher turbulence in the louver region that results in higher
pressure drop. Hence, it is clear that the compact heat exchan-
ger with a transverse tube pitch of 9.6 mm is more optimum in
order to minimize the pressure drop.Fig. 7(b) shows the variation in the average heat transfer
coefﬁcient with respect to the transverse tube pitch. It is seen
that there is no much variation in the average heat transfer
coefﬁcient on the air side with respect to the variation in the
transverse tube pitch at all ﬂow conditions, as there is no
change in the louver conﬁguration. The results reveal that
the un-louvered surface area at the ends of the louver region
has no signiﬁcant effect on the air side convective heat transfer
coefﬁcient. The variation in the goodness factor (j/f) with
respect to the Reynolds number for different transverse tube
pitches is illustrated in the Fig. 7(c). It is observed from ﬁgure
that the goodness factor shows marginal variation in the cases
of 9.2 mm and 10 mm transverse tube pitch. However, the
value of goodness factor increases to a maximum of 28% at
lower Reynolds number, as the transverse tube pitch is
increased from 9.2 mm to 9.6 mm. The transverse tube pitch
of 9.6 mm with higher goodness factor is more suitable consid-
ering both aspects of heat transfer and pressure drop.
6.3. Effect of longitudinal tube pitch
The effect of longitudinal tube pitch on the pressure drop


























TP = 9.6 mm
TL = 28 mm
LP = 1.2 mm























Tp = 9.6 mm
Lp = 1.2 mm
TL = 28 mm



























Tp = 9.6 mm
Lp = 1.2 mm
TL = 28 mm
La = 26° 
Figure 6 Effect of ﬁn pitch on (a) pressure drop, (b) heat transfer



















Frontal air velocity (m s-1) 
Tp = 9.2 mm
Tp = 9.6 mm
Tp = 10 mm
FP = 1.5 mm
TL = 28 mm
LP = 1.2 mm
















Frontal air velocity  (m s-1) 
Tp = 9.2 mm
Tp = 9.6 mm
Tp = 10 mm
FP = 1.5 mm
TL = 28 mm
LP = 1.2 mm





















Tp = 10 mm
Tp = 9.6 mm
Tp = 9.2 mm
FP = 1.5 mm
TL = 28 mm
LP = 1.2 mm
La = 26° 
Figure 7 Effect of transverse tube pitch on (a) pressure drop, (b)
heat transfer co-efﬁcient and (c) goodness factor.
912 P. Karthik et al.coefﬁcient is presented at different frontal air velocities in
Fig. 8(a and b). It is seen from Fig. 8(a) that the increase in
pressure drop of 69.8% and 80.7% is observed, when the lon-
gitudinal tube pitch is increased from 28 mm to 30 mm and
32 mm respectively. The increase in ﬂow length with respect
to longitudinal tube pitch results with higher pressure drop
whereas the convective heat transfer coefﬁcient drops
considerably as shown in Fig. 8(b). Since the local heat transfer
coefﬁcient of air in the region is generally low, the increase in
unlouvered surface area further lowers the average heattransfer coefﬁcient. It is found that the convective heat transfer
coefﬁcient increases by 15.1% and 8.1%, as the longitudinal
tube pitch is altered from 28 mm to 30 mm and 32 mm respec-
tively. Based on the above results, the variation of the good-
ness factor for different conﬁgurations is illustrated in Fig. 8
(c). It is noticed that the goodness factor drops appreciably
at all ﬂow conditions with respect to increase in longitudinal
tube pitch. From the above discussion, it is obvious that the





















Frontal air velocity  (m s-1) 
TL = 28 mm
TL = 30 mm
TL= 32 mm
Tp = 9.6 mm
Lp = 1.2 mm
Fp = 1.5 mm














Frontal air velocity (m s-1) 
TL = 28 mm
TL = 30 mm
TL= 32 mm
Tp = 9.6 mm
Lp = 1.2 mm
Fp = 1.5 mm




















TL = 28 mm
TL = 30 mm
TL= 32 mm
Tp = 9.6 mm
Lp = 1.2 mm
Fp = 1.5 mm
La = 26° 
Figure 8 Effect of longitudinal tube pitch on (a) pressure drop,






















Frontal air velocity  (m s-1) 
Lp = 0.8 mm
Lp = 1.2 mm
Lp = 1.6 mm
FP= 1.5 mm
TP = 9.6 mm

















Frontal air velocity  (m s-1) 
Lp = 0.8 mm
Lp = 1.2 mm
Lp = 1.6 mm
FP = 1.5 mm
TP= 9.6 mm
TL = 28 mm























Lp = 0.8 mm
Lp = 1.2 mm
Lp = 1.6 mm
FP = 1.5 mm
TP = 9.6 mm
TL = 28 mm
La = 26° 
Figure 9 Effect of louver pitch on (a) pressure drop, (b) heat
transfer co-efﬁcient and (c) goodness factor.
Studies of a louvered ﬁn and ﬂat tube compact heat exchanger 913the pressure drop without considerable increase in heat trans-
fer. Hence, it is suggested to select the optimal longitudinal
tube pitch that results in the reasonable pressure drop in a
compact heat exchanger.
6.4. Effect of louver pitch
Fig. 9(a and b) shows the pressure drop across the heat
exchanger and convective heat transfer coefﬁcient on airside
with respect to the frontal air velocity for three different louver
pitches. An anomalous increase in pressure drop of 90.1% isnoticed in the case of louver pitch of 0.8 mm at lower frontal
air velocity, when compared to that of 1.2 mm louver pitch
as perceived from Fig. 9(a). The higher compactness owing
to the reduction in the louver pitch is the major inﬂuencing
parameter that increases the stagnation of the air between
the louvers. However, the percentage increase in pressure drop
gets reduced at higher velocity because of relatively lower
degree of air stagnation in between the louvers. Further, the
increase in pressure drop is very minimal as the value of louver
pitch increases from 1.2 mm to 1.6 mm, due to unfavorable
ﬂow restrictions between the louvers. It is interesting to note
that a comparatively higher heat transfer coefﬁcient is
914 P. Karthik et al.obtained for the louver pitch of 1.2 mm as shown in Fig. 9(b).
Moreover, the higher compactness achieved with the louver
pitch of 0.8 mm could not enhance the heat transfer coefﬁcient
more than that of 1.2 mm louver pitch. The reduction of the
louver pitch contributes higher pressure drop with only mar-
ginal increase in heat transfer and hence, the goodness factor
of the compact heat exchanger descents signiﬁcantly as illus-
trated in Fig. 9(c).
6.5. Effect of the louver angle
Fig. 10(a) shows the variation of pressure drop for various lou-
ver angles at different frontal air velocities. A general trend of
increase in pressure drop is noticed in all the cases with
increase in frontal air velocity. There is an increase in pressure
drop of 42.3% by changing the louver angle from 26 to 30
and the same trend continues to exist even the louver angle
lowers from 26 to 22. The higher pressure drop at the louver
angle of 30 is caused by the inclined louver surface that
obstructs the ﬂow largely. The sudden contraction and expan-
sion in the case of louver angle of 22 result in the high entry
and exit losses that lead to higher pressure drop. It is under-
stood from the above results that the louver angle of 26 is
desirable, however in order to determine the optimal value of
the louver angle, further analysis is carried out in the narrow
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Figure 10 Air side pressure drop for different louver angles (a)
22–30 with a step size of 4 (b) 25–27 with a step size of 1.drop is still obtained in the case of 26 as depicted in
Fig. 10(b).
Fig. 11(a) shows the variation of heat transfer coefﬁcient
with respect to frontal air velocity for three different louver
angles. The average heat transfer coefﬁcient is higher by
27.5% and 24.22% in the case of 26 as compared to that of
22 and 30. This higher heat transfer coefﬁcient clearly shows
that there is a better establishment of surface contact between
air ﬂow stream and louver surface (louver directed ﬂow). The
decrease in heat transfer coefﬁcient on the air side with
increase in louver angle is due to the ﬂow of air over the lou-
vers without entering through the louvers (duct directed ﬂow)
at the lower louver angle. In the case of higher louver angle
(30), the lower heat transfer coefﬁcient is due to the air stag-
nation of air at the entry region of the louver surface. Similar
to the pressure drop analysis made to optimize the louver
angle, the convective heat transfer coefﬁcient is evaluated in
a narrow range of 25 to 27 with a step size of 1. The results
show clearly that no observable difference is noticed by vary-
ing the louver angle from 25 to 27 as shown in Fig. 11(b).
The value of goodness factor is evaluated for the considered
range of louver angles and presented in Fig. 12. The higher
goodness factor is noticed in the case of 26 as compared to
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Figure 11 Variation in the average heat transfer coefﬁcient for
different louver angles (a) 22–30 with a step size of 4 (b) 25–27
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Figure 12 Variation of goodness factor for different louver
angles.
Studies of a louvered ﬁn and ﬂat tube compact heat exchanger 915fascinating results obtained both in pressure drop and heat
transfer analysis, it is suggested that the louver angle of 26
is the most desirable case in the compact heat exchanger.7. Conclusion
A detailed parametric analysis on thermo-hydraulic perfor-
mance of louvered ﬁn and ﬂat tube heat exchanger has been
carried out and the effects of various parameters have been
analyzed. The following conclusions were made based on the
results obtained from the present parametric analysis.
 The decrease in ﬁn pitch leads to the higher pressure drop at
a given frontal air velocity due to higher resistance on the
airside and this effect is not predominant in certain range
of ﬁn pitch. The convective heat transfer coefﬁcient
increases in proportion with ﬁn pitch and an optimal ﬁn
pitch should be chosen based on the goodness factor.
 The effect of increase in both transverse and longitudinal
tube pitches results in higher pressure drop due to increase
in un-louvered surface area. The effect of these parameters
on convective heat transfer coefﬁcient is very minimal
owing to un-alteration of the louver conﬁguration.
 The reduction of the louver pitch contributes higher pres-
sure drop with only minimal increase in heat transfer coef-
ﬁcient and hence, the goodness factor of the compact heat
exchanger descents signiﬁcantly.
 The pressure drop across the compact heat exchanger is
large due to high entry and exit losses in lower louver angle
and large ﬂow obstruction in higher louver angle. It is desir-
able to select the right louver angle that provides the louver
directed ﬂow for achieving higher heat transfer coefﬁcient.
 The results of the present parametric studies carried out
using the CFD analysis will be very much useful for the
designers to arrive at the optimal geometrical parameters
for enhanced thermo-hydraulic performance of louvered
ﬁn and ﬂat tube heat exchangers without the need of expen-
sive and time consuming experimentations.Acknowledgement
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